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Abstract: Devices on aircraft are subjected to complex environmental excitations that pose risks to their operational
safety. Passive vibration isolation techniques are extensively employed due to their advantage of not requiring
additional energy sources. This paper introduces a novel metallic vibration isolator based on zigzag structures. The
proposed isolator features a compact design and can be manufactured using additive manufacturing techniques,
allowing for the integration of structural and functional elements. Firstly, the vibration response of the single-degree-
of-freedom (SDOF) system is analyzed. To achieve effective vibration reduction, it is crucial for the isolator's
stiffness to be sufficiently low. Secondly, to obtain a structure with high compliance, the traversal algorithm and the
finite element method (FEM) are applied. The results confirm that the zigzag structure is a reliable high-compliance
configuration. Thirdly, the parametric geometric model of the zigzag structure is developed and its stiffness is
calculated. Quasi-static compression experiments validate the accuracy of the calculations. Finally, a specific
engineering example is considered, where a zigzag vibration isolator is designed and fabricated. Vibration experiments
demonstrate that the zigzag isolator effectively reduces both the stiffness and the fundamental frequency of the
vibration system, achieving a vibration isolation efficiency exceeding 60%.
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0 Introduction

Devices on aircraft face complex environmental
excitations. Mechanical vibrations caused by airflow
disturbances, pose adjustments, and rotor rotation
are almost always present, affecting the operational
reliability of electronic equipment and the lifespan of
components. In severe cases, this can even lead to
mechanical failure and safety incidents”. There-
fore, it is crucial to design vibration and shock isola-
tion for important equipment'**’,

An isolation device installed between the foun-
dation and the protected equipment to reduce vibra-
tion excitation is known as an isolator. Isolators can
be categorized into active and passive types™*™. A

comprehensive review of passive vibration isolation

*Corresponding author, E-mail address: dai_ning@nuaa.edu.cn.

measures is provided in Ref.[6]. Due to their lack
of need for additional energy sources, passive isola-
tors are widely used in vibration scenarios. Depend-
ing on the material, commonly used isolators can be
divided into metal and non-metal types. Due to limi-
tations in environmental temperature and durability,
metal 1solators are more suitable for use on aircraft.

Common metal isolators include helical springs'”™,

leaf springs'®”', metal mesh'”’, metal rubber """,

[13-14]

and wire ropes . Helical springs are the most ba-

sic vibration isolation components but typically re-
quire significant installation space.
In recent years, with the development of addi-

tive manufacturing technology, complex structures

[15-16]

such as lattice structures , honeycomb struc-

17-19 [20-22]

tures'™*', and triply periodic minimal surfaces
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have been successfully manufactured. These struc-
tures have achieved wide applications in lightweight
design, heat dissipation, and cushioning, and ad-
vancements in manufacturing processes have driven
the emergence of new configurations. Chen et al."*"
replaced the straight edges of classic honeycombs
with sinusoidal curves to create a series of novel
honeycomb configurations. Ref.[24] significantly
improved the energy absorption capability of cush-
ioning structures by arranging smaller circular hon-
eycombs around a larger circular honeycomb. Addi-
tive manufacturing not only allows for the process-
ing of complex structures but also simplifies the as-
sembly relationships between simplified structures,
thereby reducing the number of parts and simplify-
ing the manufacturing process. Xu et al.'® used ad-
ditive manufacturing to create a fabric with adjust-
able stiffness, simplifying the manufacturing pro-
cess through one-step molding, resulting in a bend-
ing modulus increase of over 60 times. Due to this
excellent performance, integrated structural-func-
tional parts are increasingly favored by researchers,
and their application is crucial for reducing equip-
ment weight and enhancing aircraft performance.
This paper addresses the vibration isolation
needs for aircraft equipment and proposes a novel
isolator configuration based on metal additive manu-
facturing technology. To achieve this, the response
characteristics of the vibration system are first ana-
lyzed. To find a suitable configuration, a depth-first
search (DFS) and backtracking algorithm, com-
bined with finite element analysis, demonstrated
that the L-shaped beam is the most flexible configu-
ration. Based on this, a parametric geometric model
of the zigzag isolator is proposed. The stiffness of
the isolator in the elastic phase is calculated and veri-
fied. Finally, the vibration reduction performance of
the proposed zigzag isolator is validated for a specif-

ic engineering application.
1 Theoretical Analysis

1.1 Vbration response characteristics analysis

The mechanical model of the single-degree-of-

freedom (SDOF) vibration system with base excita-

tion is shown in Fig.1, where m is the mass of the
protected object, % the stiffness of the isolator, ¢ the
damping, z,(¢) the displacement of the base, and

z,(¢) the displacement of the protected object.

Fig.1 SDOF vibration system model with base excitation

The displacement of the protected object rela-
tive to the base can be denoted as & ==z, — z,. The
motion equation of the system can be written as

8+ 2bw,0 + Wl =—3%, (1)
where 0, = Vk/m is the system’s natural frequency
of the system, and &=c¢/(2mw,) the system’ s
damping ratio. In engineering applications, vibra-
tion isolation devices generally satisfy 0<T&<T1.
When the base excitation is a harmonic vibration,
let z,= A, sin(w,t), where A, is the displacement
amplitude and w,= 2xnf , with f'being the excitation
frequency. Then, it can be obtained that

Zo=—A,wisin(wyt) (2)

Let A=—A,wi and @ = w,. Given the initial
conditions 8(0)=0 and 6(0)= 0, the solution can
be obtained as

0=1¢e “'(C,cos(wyt)+ Cysin(wyt))+

Ricos(wot)+ Rysin(wyt) (3)
28w, wy, A
where R, = &;} @ 5 R=
(w;— i) +(2fw,w,)
—(w?— wi)A
( o) C=—R,, C,=

P

(02— ) + (26w,0,)

_5(1) Rl - sz() = s
. , wyg =1 — £ w,. §=¢e ",

wd
(C,cos(wyt)+ Cysin(wyt)) represents the damped

vibration in the presence of damping. Typically, we
consider the steady-state response of the system af-
ter it has stabilized, which is
0" =R cos(w,t )+ R,sin(w,?) (4)
Then, it can be obtained
21 =0"+zo=R,cos(wyt)+ R,sin(w,t)+
Aysin(wot) (5)
The steady-state response of the SDOF system
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under harmonic excitation can be determined, as
shown in Fig.2. The horizontal axis £ represents the
ratio of the excitation frequency to the system’s nat-
ural frequency, while the vertical axis z,/z, repre-
sents the ratio of the response amplitude to the maxi-

mum displacement of the excitation. It shows that

when the excitation frequency is greater than v/2
times the natural frequency, the peak displacement
response is less than the peak excitation. Thus, for
passive vibration isolation, a lower system natural
frequency results in a wider vibration isolation band-
width. This implies that the stiffness of the isolator
should be kept as low as possible. In the field of vi-
bration isolation, a type of device known as a quasi-
zero stiffness isolator **" is designed to achieve low-
frequency isolation. However, quasi-zero stiffness
isolators have poor lateral stiffness and typically re-
quire additional guiding mechanisms. They also im-
pose strict requirements on the mass of the protect-
ed object, which has limited their widespread appli-
cation. Additionally, damping can suppress the sys-
tem’ s resonance peak but may weaken the high-fre-
quency isolation effectiveness. In broad-band excita-
tion scenarios, resonance 1s often unavoidable.
Therefore, the vibration system should also have
appropriate damping, and additional dampers may

be added if necessary.

Fig.2 Vibration responses of SDOF systems

1.2 Flexibility-maximizing structures

Ref.[ 28] proposed a 2D structural topology op-
timization algorithm with the goal of minimizing
flexibility using the optimization criterion method.
For vibration systems, the design objective is to
achieve maximum flexibility. Due to non-convexity,
it is challenging to obtain suitable results using topol-
ogy optimization algorithms. Therefore, this study

adopts an exhaustive search approach to compare

the flexibility of different structures and ultimately
identifies the configuration with the maximum flexi-
bility. The issue with this approach is the high com-
putational demand, which makes it impractical for
larger design domains. This study employs DFS
and backtracking algorithms to search for the struc-
ture with maximum flexibility. The basic idea, as il-
lustrated in Fig.3, involves considering the cell
where the load is applied as the starting point and
the fixed end as the endpoint. Each path between
the starting point and the midpoint is regarded as a
potential structure. The finite element method is
then used to calculate the flexibility of each struc-
ture. Structural flexibility can be expressed as
c(x):UTKU:iI(,quOu( (6)
=l
where K is the global stiffness matrix of the struc-
ture, k, the element stiffness matrix, and x, the den-
sity of the element. To avoid singular solutions, the
element densities along the path are set to 1, while
the others are set to 0.001. u, is the displacement
vector and £, the element stiffness matrix.

iF

X

Fig.3 Basic idea of brute-force traversal algorithm

The traversal process is illustrated in Fig.4. Ini-
tially, a queue is introduced, where the elements of
the queue are stacks, and the elements of the stacks
are all possible coordinate points for the next step.
The process starts from the starting point and then
progresses by selecting a point from the correspond-
ing stack. When the target point is reached, the cor-
responding path is first output. After that, the target
point is deleted and a new point is selected. This
process of reselecting paths is called backtracking.
The traversal is complete when the queue is empty.

Fig.5(a) shows the calculation results for the
maximum flexibility, with the dimensions of the de-
sign domain also annotated. It can be observed that
the L-shaped folded beam has relatively low stiff-

ness. Based on the results of the traversal search, the
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Fig.4 Execution process of algorithm

geometric structure of the vibration isolator has been
proposed, as shown in Fig.5(b). This structure,
known as the zigzag structure, has also seen some ap-
plication in the field of vibration isolation”*"’. The
calculations in this paper confirm the validity of using
the zigzag structure to achieve significant deforma-
tion. The basic unit of the zigzag structure is the 1~
shaped beam, which also determines the final me-

chanical performance of the isolator.

8x5 6x6
(a) The output of the algorithm

Zigzag structure

Basic unit
(b) The basic components of a zigzag structure

Fig.5 Calculation result of zigzag structure
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where D, and 0, (i=Z,Y, Z)represent the displace-
ments and rotations at end B in the corresponding di-
rections, and F, and M, (i=X, Y, Z) the loads ap-
plied at the free end of the cantilever beam and the

bending moments acting at the free end of the canti-

constant cross-sections, with the basic unit being the
L-shaped beam. The basic unit can be considered as
a combination of two cantilever beams. To calculate
the stiffness of the structure, the stiffness of the canti-
lever beam must first be calculated. Fig. 6 shows a
3D cantilever beam AB with a length of L, where
end A is fixed and end B is subjected to the force and

moment, denoted as F and M, respectively.

it
X
zZ MY Fy
M, F,
M,
L F, x

Fig.6 Loading conditions of a 3D cantilever beam

Under the assumptions of linear elasticity and
small deformations, the displacement and rotation
at end B can be calculated for a single load applica-
tion. Using the principle of superposition, the over-
all displacement can be determined. The displace-

ment at end B is expressed as

0 0 0
112
0 0
2EL [ p ]
142
0 - o ||y
o r ()
L ,
0 o | M
G, M,
L LMz
0 0
EI,
L
0 0
EI, |

lever beam. The corresponding directions X, Y,
and Z are illustrated in Fig.6. Iy and I, the moments
of inertia relative to the Y and Z axes. E is the
Young’ s modulus, G the shear modulus, A the

cross-sectional area of the cantilever beam, and I
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the polar moment of inertia. For the 2D case shown

in Fig.7, it can be simplified to

L, 0
EA
up L L2 Fy
S T ey (®)
0, ? M
o - L
°FT  EI |

where Fs represents the tangential load at the free
end, Fy the circumferential load at the free end,

and M the bending moment.

7

Fig.7 Loading conditions of a 2D cantilever beam

2.2 Deformation calculation of L-shaped

beam

As shown in Fig.8, the L-shaped cantilever
beam ABC is a basic unit of the zigzag structure. It
is considered to be a combination of Part 1 and Part
2. The cross-sectional dimensions of the two seg-
ments are identical, with lengths denoted as /, and
l,, respectively. The deformation of the L-shaped
beam can be calculated by superimposing the defor-

mations of the two cantilever beams.

b,

Fig.8 Dimensional parameters of an L.-shaped beam

For the cantilever beam AB, the displacement

at end B can be expressed as

F ; ; _
EA1

Up 3 2 Fy

= 0 ! ! _ —
Y 3EI 2FI, Fx
(9]_; B ML‘ - Fylz

o 1 Zl
2ET, El

Fyll
EA1
7FX1137112(ML'_FY12) (9)
3ET, 2E1,
FXZIZ + Zl(M(‘*Fylz)
| 2EI EI |

where A, is the cross-sectional area of cantilever
beam AB, I, the cross-sectional moment of inertia
of beam AB, and M, the bending moment applied at
point C of the L.-shaped beam ABC.

At this point, the displacement at end C caused

by the deformation at end B can be expressed as

um— Uy _12(1 - COS&B)
ver |[=| v | T — [,8Ind, -
Oci] 0y 0
Fyl ]
E;i — (1 — cosby)
Fyli (M. —Fyl
 Ixb (M, vls) — J,sind, (10)
3ET, 2E1,
szlz 4 11( M(‘*Fylz)
2E1, EI ]

The deformation at end C caused by the ap-

plied load can be expressed as

by 0 0
EA 2

[ 5
3EI,  2EIL
I L,
©2EL,  EL
—sing, O] Fy
sind, cosly, Of Fy|=
0 0 1M,

0

cosl,

[,

EAZ
E e 3
37[2 XSIH65+FyCOSﬁB) ﬁ

( Fycosl, — Fysindy)

M. | (11)

2
2

. /[
_— SEL (Fysind, + Fycosly) — E—z M(;_

where A, is the cross-sectional area of cantilever
beam BC, and I, the cross-sectional moment of iner-
tia of beam BC.

Thus, the displacement at the free end can be

determined as
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Ly . Fy!l
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= + =| ——(Fysind, + Fycosl,) — M. — — — /,sind 12
Z‘ ;“ Z“ s, sindut Fycosty) = o Me = oFI, osindy | (12)
C C1l C2
; . Zz Fxllz 11( M(‘*FYZZ)
— 2 (Fysindy+ Fycosfy) — o M+ -t +
o, Fasinds  Fycosdy) = o Mot El |

2.3 Stiffness of the zigzag structure

Eq.(11) calculates the displacement at the free
end of the L.-shaped beam under the action of a load
at the free end, allowing us to determine the stiff-
ness of the L.-shaped beam. The zigzag structure can
be viewed as a linear combination of L-shaped
beams. According to the principle of superposition,
the stiffness of the zigzag structure can be expressed

as
K.

n

K;= (13)

where K is the stiffness of the zigzag structure, K,
the stiffness of the L.-shaped beam, and n the num-
ber of basic units in series that form the zigzag struc-

ture.

3  Quasi-static Compression of Zig-
zag Structure

To verily, a zigzag vibration isolator pad is de-
signed and manufactured. The structure of the isola-
tor is shown in Fig.9. The material of the isolator is
TC4, and the elastic modulus of TC4 1s 115 GPa.

L & |

.

=

Fig.9 Schematic diagram of vibration isolator

The isolator employs a symmetric zigzag struc-
ture to ensure stable load distribution. Each zigzag
structure can be viewed as being composed of 8 sets
of L.-shaped beams. The thickness of each L.-shaped
beam is 2 mm, and the width is 30 mm. The length
of Part 1 is 3 mm and the length of Part 2 is 6 mm.
The stiffness of the isolator pad can thus be calculat-
ed as

K;=2K.,/n=K.,/4 (14)

Using Eq.(11) , the compressive stiffness of

the isolator pad is calculated to be approximately
2 778 N/mm. To verify, both simulations and com-
pression experiments are conducted. The simula-
tions are performed using the static general module
of Abaqus. The Poisson’ s ratio for TC4 is set to
0.34, and the Johnson-Cook constitutive model is
used with the parameters A = 875 MPa, B =
793 MPa, and n = 0.386.

Von Mises
stress / MPa Before compression

= ﬁ E

+1.200e+03
Compression densification

BEEH EE

Fig.10 Simulation analysis results of the vibration isolator
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+2.000e+02
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The quasi-static compression experiments are
conducted on a compression testing machine with a
compression rate of 1 mm/min. A comparison of
the results from calculations, simulations, and ex-
periments is shown in Fig.11. The results indicate
that the calculation method used in this study accu-
rately determines the stiffness of the isolator in the
elastic state, with an error of lower than 10%

compared to the simulation and experimental re-

sults.
20 -
Calculated °
16 result
Z12f d
§ D/F’O,Q—G‘Q"'u
£ 8r
-0+ Specimen 1
=0+ Specimen 2
4 —O— Simulational
result
00 2 4 6 8 10
Displacement / mm
Fig.11 Verification results of the compressive mechanical

performance of the vibration isolator
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4 Applications of Zigzag Vibration

Isolator

A certain type of equipment is subjected to ran-
dom vibration excitation as shown in Table 1, with a
root mean square acceleration of approximately 27g.
The mass of the protected object is about 0.3 kg,
and the vibration reduction efficiency must exceed
50%. The isolator is required to have a length of
less than 150 mm, a width of less than 160 mm, and
a height of less than 10 mm. Additionally, the isola-
tor must meet certain heat dissipation requirements,
so it is specified to be made from a copper-tin alloy
using additive manufacturing. The material has an

elastic modulus of approximately 110 MPa.

Table 1 Parameters of the random vibration

f/ Hz

Parameter 20 30 200 300 2000
Gradient/

+3 — - - o
(dBeoct ")

Power spectral
density/(g*Hz ')

0.16 0.16 0.40 0.40

When addressing practical issues, a desired nat-
ural frequency £, is first established. Then, using the
formula for calculating natural frequency, the re-
quired stiffness of the vibration isolator can be deter-
mined.

KTZm(Zthn)2 (15)

For example, in this case, if the desired natu-
ral frequency 1s £, =120 Hz, the required stiffness of
the vibration isolator is approximately 170 N/mm.
By adjusting the dimensions and number of IL-
shaped beams, the stiffness of the isolator can be
made to approach the desired value.

The design and physical prototype of the isola-
tor are shown in Fig.12. This vibration isolator con-
sists of four parallel zigzag structures, with each zig-
zag structure composed of 8 L-shaped beams. The
dimensions of each L-shaped beam are as follows:
the length of the vertical beam is 1 mm, the horizon-
tal beam is 16 mm, the beam thickness is 1 mm,
and the overall length is 50 mm.

As a result, the overall stiffness of the isolator

|

Fig.12 Geometric structure of vibration isolator

is calculated to be approximately 140 N/mm, corre-
sponding to a natural frequency of about 108 Hz. Vi~
bration experiments are conducted as per the testing
plan shown in Fig.13. The vibration bench used is
the SUSHI Company’ s DC Test Stand, and two
acceleration sensors are installed on the protected

object.

Acceleration sensor

Vibration ben
Fig.13 Schematic diagram of vibration experiments

The results of the sweep frequency test for the
vibration system, ranging from 20 Hz to 2 000 Hz,
are shown in Fig.14. The acceleration during the
sweep was lg. From the figure, it can be observed
that the first-order resonance frequency of the vibra-
tion system is approximately 90 Hz. This indicates
that the zigzag vibration isolator is effective in lower-
ing the first-order resonance frequency of the vibra-
tion system. The random response of the vibration
under specified excitation is shown in Fig.15. The
results from the figure indicate that the vibration iso-
lator effectively reduces vibrations, with a vibration

reduction efficiency exceeding 60%.

Control PEAK 0.984 0g [1.0067]
| Target PEAK 1.000 Og,,
Spectrum(Chl) PEAK 0.116 1g =
Spectrum(Ch2) PEAK. 0036 63

—_
S
9

3
N
|
==

2
H=———~—-~
B T
GBI
<

107+

; i
20 100 1000 2000

f/Hz
Fig.14 Sweep frequency test results
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Control  RMS 27.015 8¢
Target  RMS 27.069 4g
APS(Chl) RMS 7.2409g
| APS(Ch2) RMS 10.701 4g

Power spectral density /
(g'* Hz")
S

20 100 1000 2000

f/Hz

Fig.15 Random vibration test results

5 Conclusions

Based on additive manufacturing processes,
this paper proposes a new type of vibration isolator
configuration. The harmonic response analysis of
SDOF system indicates that, under broad frequency
excitation conditions, a high-flexibility isolator can
achieve a wider vibration reduction bandwidth. Us-
ing traversal algorithms, the structure with high
flexibility in a 2D scenario 1s calculated, and it is
shown that the L-shaped cantilever beam configura-
tion provides the maximum flexibility. Based on
this, the structural stiffness of the zigzag isolator is
calculated, and quasi-static compression experi-
ments demonstrate that the theoretical calculations
and experimental results have an error of lower than
10%. Finally, the zigzag isolator is applied to a
practical engineering scenario, and the results show
that the zigzag isolator can effectively reduce the
first-order resonance frequency of the vibration sys-
tem, with a vibration reduction efficiency exceeding

60% under given random vibration excitation.
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—METEMFEN X ERRERIRS
O¥,EEBE, R OT
(P 524507 A DL B P 52 210016, o1 )

WE AL BEMABT R ATEREGETELMRAMN . & TR EF IR S K S A3 Rk AR
RETTZER, AXRBT —HATHEELEHOH AL EBERE  EHRAFTREIR MM IHE, H T%
IMLEM- e — 4R, B sk, & 5% B & (Single-degree-of-freedom, SDOF ) # 3 & %t 49 45 4 75 42 5+ 547 4R
A SRR A RIRN TR IR B LS LG R B, A RIFRR SRR, X P A w ik
7 Fok 5 A IR U ik (Finite element method, FEM ) 235 # b A7 R AL X i B 3465 MM A MG, & 5485
A B A TUAT BB JF AT L JUAT-RI e e X 2, R G AT EH SRS RERIE, RE A EIREA
GFOETFELRFFHEEETRRE., AP RBEREAN T RITOEERRSRAAGEREANES A
IR, AR AL F AT 6020,
KB R B SR MR B E SN2 R

=

=

% Pk
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